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A system model is developed to simulate the performance of a residential air-conditioning system. The system 
model includes detailed component models of evaporator, compressor, condenser and expansion valve, while these 
component models are linked through refrigerant mass flow rate, pressure and enthalpy. The inputs into the system 
model are air inlet conditions as well as the evaporator superheat and condenser subcooling on the refrigerant side. 
The system model is validated against the experimental results of a 2.5 ton residential air-conditioning system in 
Air-Conditioning and Refrigeration Center at University of Illinois. The experiment was conducted based on 
AHSI/AHRI standard 210/240 at Conditions A, B (wet coils) and C (dry coil). The baseline system contains round-
tube evaporator and condenser, while the same system with the indoor round-tube evaporator being replaced with a 
microchannel evaporator is also tested. The system model shows good accuracy compared to the experimental 
results. The capacity and COP are within 4.3% and 7.9% for the direct expansion systems, respectively. The 
saturation temperatures calculated from superheat and subcooling are within ±2oC. The system model is applied 
further to investigate the benefits of replacing both round-tube evaporator and condenser with the microchannel 
evaporator and condenser. The simulation results show that it is possible to achieve COP improvement by 21.1% in 




In residential air conditioning systems, round tube plate fin (RTPF) heat exchangers are more widely used than 
microchannel heat exchangers (MCHX) because of the cost advantage. Under increasingly tighter regulation of 
energy efficiency, microchannel heat exchangers, as a potential solution for efficiency improvement, start to draw 
more attention from the residential air conditioning industry. The major advantages of microchannel heat exchangers 
over RTPF heat exchanger are compactness and enhancement of heat transfer. These advantages can lead to 
reduction of refrigerant charge and material used in manufacturing. 
 
Park and Hrnjak (2008) used a microchannel condenser to replace the original RTPF condenser. The face area and 
air-side heat transfer area of both heat exchangers are similar. The system with microchannel condenser had 13.1% 
higher COP than the system with RTPF condenser under AHRI condition A. The system charge was also reduced by 
9.2%. Qi et al. (2009a) investigated the possibility of replacing a plate fin evaporator which is commonly used in 
automotive air conditioning systems by a microchannel evaporator.  The microchannel evaporator is 17.2% smaller 
in volume and 2.8% lighter in weight. 4.3% higher heat transfer rate and more uniform air exit temperature 
distribution was achieved by the microchannel heat exchanger, at the penalty of slightly higher refrigerant side and 
air side pressure drop. Qi et al. (2009b) replaced the plate fin evaporator and microchannel condenser in the baseline 
system with a microchannel evaporator and a microchannel condenser with a designated subcooling path. The 
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microchannel evaporator and plate fin evaporator were the ones used in Qi et al. (2009a). Compared with the 
baseline, the new condenser is 15.1% smaller and 14.9% lighter. Charge in the system was reduced by 4%. Cooling 
capacity and COP was increased by 5% and 7.9% under 3000 rpm driving condition. In this study, the effects of 
replacing round tube evaporator and condenser with microchannel evaporator and condenser on a residential air-
conditioning system performance are investigated in an experimentally validated model. 
 
2. EXPERIMENTAL METHOD 
 
The experimental setup consists of two environmental chambers which are used to simulate indoor and outdoor 
conditions. One insulated wind tunnel is placed in each chamber, and each wind tunnel is equipped with a variable 
speed blower to simulate different air flow rate conditions. Figure 1 shows the schematic of the experimental 
facility. The uncertainties for capacity and COP are ±3% (both refrigerant side and air side) and ±5% respectively. 
 
 
Figure 1: System schematic   
 
The original system containing a RTPF evaporator is a high efficiency off the shelf residential system which can be 
used for both air-conditioning and heat pump. It has a rated capacity of 7kW and 20.5 SEER cooling efficiency. The 
indoor unit has an A-shaped RTPF evaporator and an installed thermal expansion valve (TXV). The outdoor unit has 
a RTPF condenser, a variable speed scroll compressor and an accumulator. The system was tested under three 
conditions (A, B and C) from AHRI Standard 210/240 (2008). Upon completion of the experiments of the original 
system, the RTPF evaporator was replaced by a commercially available microchannel heat exchanger, and the same 
experiments was repeated for the new system. Table 1 presents the geometric information of the round tube and 
microchannel evaporators. 
 
Table 1: RTPF and MCHX indoor coil geometries 
 
 RTPF MCHX 
Fin   
Fin density [FPI] 14.5 12 
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Fin thickness [mm] 0.1 0.094 
Fin height [mm] - 7.874 
Louver angle [deg] - 28 
Louver height [mm] - 7 
Louver pitch [mm] - 1.1 
Tube   
Port dimensions [mm] - 1.29 x 0.61 
Port number [-] - 26 
Transverse spacing [mm] 25.4 - 
Longitudinal spacing [mm] 19 - 
Tube dimensions [mm] OD 9.5 (ID 9) 27 x 1.93 
Tube number [-] 30 per row 44 per row 
Row number [-] 3 2 
Heat exchanger   
Height [m] 1.522 0.734 
Width [m] 0.445 0.44 
Depth [m] 0.057 0.062 
Face area [m2] 0.675 0.3224 
Air side heat transfer area [m2] 37.5 18.1 
 
3. MODEL DESCRIPTION 
 
A system model is developed to simulate the performance of a residential air-conditioning system. The system 
model includes detailed component models of evaporator, compressor, condenser and expansion valve, while the 
component models are linked through refrigerant mass flow rate, pressure and enthalpy. The evaporator and 
condenser models are based on finite volume method. In each control volume, the empirical heat transfer and 
pressure drop correlations for refrigerant and air are adopted and the effectiveness-NTU method is applied for heat 
transfer calculation. When the humidity ratio of inlet air is higher than the evaporator surface temperature, water 
vapor of moist air condensed on the air side surface of heat exchanger. The coil becomes wet. This dehumidification 
process is simulated based on the total enthalpy method proposed in Threlkeld (1970).  
 
As in Threlkeld (1970), it was assumed that the thermal resistance of the wall is negligible in each segment and the 
fin and tube are covered by a thin film of water with thickness yw. The overall enthalpy transport coefficient for wet 



































































where is,iw, is,ow, is,r are fictitious enthalpies of saturated moist air at the temperatures of Tiw (the wall inner surface 
temperature), Tow (the wall outer surface), and Tr ( the refrigerant temperature), respectively. 
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  10112  P,r,TT,OAirHEnthalpyi iwiw,s  (5) 
  10112  P,r,TT,OAirHEnthalpyi owow,s  (6) 
  10111022  P,r,.TT,OAirHEnthalpyi owow,s  (7) 
  10112  P,r,TT,OAirHEnthalpyi rr,s  (8) 
 













































































where ha is the sensible heat transfer coefficient for wet surface which is similar as that for dry surface, and yw is the 
thickness of condensation water film which is assumed as 0.1mm (Myers, 1967). Note that the total air-side heat 
transfer coefficient haw is about twice ha in common operating conditions and therefore the water-side fraction of the 
total thermal resistance is 20–32% (Kim and Bullard, 2002). 
 
With the overall heat transfer coefficient for the wet surface, the effectiveness-NTU method is used to calculate the 
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  ri,saiminmax iiCQQ    (17)  
 
where iai is the inlet enthalpy of the moist air and is,ri is the fictitious enthalpies of saturated moist air at the 
refrigerant inlet temperature Tri 
 
For round-tube heat exchanger, the tube circuiting is imposed. For microchannel heat exchanger, it is assumed 
uniform distribution among parallel microchannel tube. The compressor model is based on the manufacturer’s 10-
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coefficient map method. The expansion valve is simulated as an isenthalpic process. The inputs into the system 
model are air inlet conditions as well as the evaporator superheat and condenser subcooling on the refrigerant side. 
The condenser subcooling is related to the charge of refrigerant, while the evaporator superheat is related to the 
expansion valve. These two parameters are chosen as inputs into the system model instead of condensing and 
evaporating temperatures because the saturation temperatures are usually results of heat exchanger, refrigerant 
charge and expansion valve control during normal operation. When the heat exchanger is changed, the saturation 
temperatures usually vary. And this is the target of this paper, i.e. increasing evaporation temperature and decreasing 
condensing temperature by replacing RTPF with MCHX to improve system efficiency. The summary of selected 
heat transfer and pressure drop correlations is listed in Table 2.  
 
Table 2: Summary of selected heat transfer and pressure drop correlations 
 
 Correlations 
Air side  
RTPF heat transfer coefficient Wang et al. (2000) 
RTPF pressure drop Wang et al. (2000) 
MCHX heat transfer coefficient Chang and Wang (1997) 
MCHX pressure drop Chang et al. (1994) 
Dehumidification Threlkeld (1970) 
Refrigerant side – two-phase region  
Heat transfer coefficient Chen (1966) 
Void fraction Zivi (1964) 
Gravitation pressure drop Homogeneous model 
Acceleration pressure drop Homogeneous model 
Friction pressure drop Friedel (1979) 
Refrigerant side – single phase region  
Heat transfer coefficient Gnielinski (1979) 
Friction pressure drop Churchill (1979) 
 
4. RESULTS AND DISCUSSION 
 
Both RTPF and MCHX system models are applied to compare with the experimental results for validation. Table 3 
presents the results of cooling capacity, compressor power and system COP from both experiment and simulation at 
all A, B and C conditions. The comparison between experiment and modeling is also shown in Figure 2. For RTPF 
system, the difference of capacities between experiment and model is within 2.1% while the difference of COP 
between experiment and model is within 5.4%. For the DX system with the indoor MCHX, the difference between 
simulated and experimental capacities is within 4.3% and the difference between simulated and experimental COP is 
within 7.9%. When such system is applied with flash gas bypass method, the accuracy of the system is a little worse, 
i.e. up to 5.5% error of capacities and up to 8.7% error of COP. Thus, the models have good accuracies. 
 
Table 3: Simulation results compared with experimental results 
 
 
  RTPF MCHX DX MCHX FGB 
Test 
Condition 
Item Experiment Model Experiment Model Experiment Model 
AHRI A 
Capacity [kW] 7.42 7.48 7.69 7.64 7.60 7.51 
Power [kW] 1.49 1.55 1.51 1.56 1.50 1.56 
COP [-] 4.98 4.84 5.11 4.90 5.08 4.83 
AHRI B 
Capacity [kW] 7.67 7.80 8.22 8.25 8.25 8.09 
Power [kW] 1.21 1.26 1.19 1.24 1.22 1.26 
COP [-] 6.34 6.19 6.90 6.65 6.78 6.41 
AHRI C Capacity [kW] 7.04 6.89 7.79 7.45 7.85 7.42 
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Power [kW] 1.24 1.28 1.21 1.26 1.21 1.24 
COP [-] 5.69 5.38 6.45 5.94 6.55 5.98 
 
 
(a) Capacity      (b) COP 
Figure 2: RTPF and MCHX system model validation 
 
Figure 3 shows the T-h diagrams of RTPF system and microchannel evaporator system. With the condenser 
subcooling and evaporator superheat as the inputs, the T-h diagrams based on the modeling are very close to those 
based on the experimental measurement. These show good model accuracies of the models again. The predicted 
condensing temperature is a little higher than the experimental, i.e. 1.7oC. It results in the simulated compressor 
discharge temperature to be 4-6oC higher than the measured. Thus, the simulated system COP is 2.4% and 3.6% 
lower than the experiment COP for RTPF and microchannel evaporator systems at B condition, respectively. 
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(a) RTPF            (b) MCHX 
Figure 3: Comparing T-h diagram of experiment and simulation results at AHRI B condition 
 
From both experiment and modeling, the system performance is improved by replacing the round tube evaporator 
with a microchannel evaporator. As shown in the modeling T-h diagrams of B and C conditions in Figure 4, the 
evaporating temperature of the microchannel evaporator system is higher than that of round tube system (1.8oC at B 
condition and 2.6oC at C condition). Therefore, the suction vapor density is higher and the compression ratio is 
lower. The mass flow rate is higher. These result in that the capacity is increased by 5.8% and COP is increased by 
7.5% at B condition (8.2% higher capacity and 10.4% higher COP at C condition). 
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(a) AHRI B condition     (b) AHRI C condition 
Figure 4: Comparing T-h diagram of indoor RTPF system with indoor MCHX system 
 
It is further explored the system performance improvement by replacing the round tube condenser with a 
microchannel condenser in the system model. Table 4 lists the geometry information of the microchannel condenser, 
compared with the round tube condenser. The microchannel condenser is assumed to have vertical headers and 
horizontal parallel microchannel tubes. The round tube and microchannel condensers have almost identical shapes, 
volumes, and fin densities, so the face areas and air side heat transfer areas are almost the same. The air flow rates 
for both MCHX and RTPF are kept the same. The condenser subcooling and evaporator superheat based on 
experimental results are the inputs to this model. 
 
Table 4: RTPF and MCHX outdoor coil geometries 
 
 RTPF MCHX 
Fin   
Fin density [FPI] 20 20 
Fin thickness [mm] 0.1 0.1 
Fin height [mm] - 7.92 
Louver angle [deg] - 27 
Louver height [mm] - 6.6 
Louver pitch [mm] - 1.4 
Tube   
Port dimensions [mm] - 1.26 x 1.1 
Port number [-] - 22 
Tube transverse spacing [mm] 21.6 - 
Tube longitudinal spacing [mm] 19.1 - 
Tube dimensions [mm] OD 7.29 (ID 5.76) 38 x 1.9 
Tube number [-] 44 per row 96 per row 
Row number [-] 2 1 
Heat exchanger   
HX height [m] 0.9504 0.9506 
HX width [m] 2.896 2.896 
HX depth [m] 0.0382 0.038 
Face area [m2] 2.752 2.753 
Air side heat transfer area [m2] 154.2 152.6 
 
As shown in Figure 5, the system with both microchannel evaporator and condenser is simulated at AHRI A, B, and 
C conditions. The results are compared with the modeling results of the baseline system with both round tube 
evaporator and condenser at all three conditions. The cooling capacity and COP of the system with microchannel 
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heat exchangers are respectively 3.8% and 8.6% higher than those of the system with round tube heat exchangers at 
A condition. At B condition, the capacity is 7.8% higher and COP is 15.6% higher, while the capacity is 10.1% 
higher and COP is 18.7% higher at C condition. Compared with the previous results of replacing only the indoor 
RTPF coil with MCHX, both cooling capacity and COP are increased higher by replacing both indoor and outdoor 
RTPF coils with MCHX. The further improvement on COP can be obtained by matching the cooling capacity. This 
is achieved by specifying the mass flow rate and isentropic efficiency in the model, however, in the future 
experiment, this may be achieved by adjusting the compressor speed or replacing the original compressor with a 
smaller displacement compressor. It is shown in Figure 5 that the COP of the system with microchannel heat 
exchangers is 10.0% higher than the system with round tube heat exchanger at A condition when the cooling 
capacity is the same between the two systems. The COP of MCHX system is 21.1% higher than that of RTPF 
system at B condition, and the COP of MCHX system is 27.8% higher than that of RTPF system at C condition. 
Figure 6 shows the comparison of T-h diagrams between microchannel heat exchangers system and round tube heat 
exchangers system. All property values are obtained from modeling. As shown in Figure 6(a), the condensing 
temperature is reduced by 1.8oC and the evaporating temperature is increased by 2.0 oC. This reduces the pressure 
ratio and compressor work, so the system efficiency is higher. At C condition, the condensing temperature is 
reduced further while the evaporating temperature is increased more, so the improvement on COP is higher.  
 
 
Figure 5: Comparing RTPF and MCHX system performance   
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(a) AHRI B condition     (b) AHRI C condition 
Figure 6: Comparing T-h diagram of indoor and outdoor RTPF system with indoor and outdoor MCHX system 
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It is well know that the microchannel heat exchanger has higher air side heat transfer coefficient because of the 
folded louver fin. Therefore, the overall heat transfer coefficients U of microchannel condenser and evaporator are 
higher than those of round tube condenser and evaporator, as shown in Figure 7. For the condensers, the air side heat 
transfer areas are the same between RTPF and MCHX, so the UA value of microchannel condenser is 69.1% higher 
than that of round tube condenser. Because Q = UA * LMTD, the higher UA value of microchannel condenser 
results in the smaller temperature difference between refrigerant and air as well as the lower condensing temperature 
in the microchannel condenser than in the round tube condenser. For the evaporator, even though the air side heat 
transfer area of microchannel evaporator is only half of that of round tube evaporator, the UA value of microchannel 
evaporator is still 52.8% higher than that of round tube evaporator because the overall heat transfer coefficient of 
microchannel evaporator is 3 times higher than that of round tube evaporator. Similarly, it results in the lower 
temperature difference between refrigerant and air as well as the higher evaporating temperature in the microchannel 
evaporator than in the round tube evaporator. Therefore, due to the higher UA values of microchannel condenser and 
evaporator, the system efficiency can be improved by more than 20%. 
 
 




This paper presents effects of replacing round tube heat exchangers (RTPF) with microchannel heat exchangers 
(MCHX) on a residential air-conditioning system performance. The models of RTPF system and MCHX system 
were developed for examine such effects. The models are capable to model the cases of both dry and wet indoor 
coils. The models are validated against the experimental results of both RTPF and MCHX systems. Good accuracies 
are obtained for both system models, i.e. up to 4.3% on capacity and 7.9% on COP in direct expansion systems. 
Based on the modeling, by replacing both round tube evaporator and condenser with the microchannel evaporator 
and condenser, the capacity can be increased by up to 7.8% in the wet air condition and 10.1% in the dry air 
condition, while the COP can be increased by up to 15.6% in the wet air condition and 18.7% in the dry air 
condition. When the capacity of MCHX system is adjusted to be the same as RTPF system, the COP of MCHX 
system can be increased by up to 21.1% in the wet air condition and 27.8% in the dry air condition. Such 
improvement is mainly due to the higher overall heat transfer coefficient of microchannel heat exchangers with 




A Heat transfer area (m2) 
DX Direct expansion system (-)  
FGB Flash gas bypass system (-)   
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h Heat transfer coefficient (kW/m2-K) 
i Enthalpy (kJ/kg) 
P Pressure (kPa) 
Q Cooling capacity (kW) 
r Relative humidity (-) 
T Temperature (oC) 
U Overall heat transfer coefficient (W/m2-K) 
w Humidity ratio (kg/kga)  
   
Subscript   
a air side or dry air 
aw moist air  
i inlet 
iw inner surface of the wall 
l liquid 
o outlet 
ow outer surface of the wall 
r refrigerant side 
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